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Abstract. In the paper a dynamic behaviour of the selected typical group of rotating machines applied in

the mining industry is investigated. These are the beater mills and crushers as well as blowers and
compressors, all driven by the asynchronous motors. In particular, there is considered an influence of
various types of machine working tool loadings on the system lateral steady-state dynamic responses as well
as a mutual torsional electromechanical interaction between the driving motor and the driven machine in
transient operational conditions. The theoretical calculations have been performed by means of the
advanced structural mechanical models. The conclusions drawn from computational results can be very
useful during design phase of these devices as well as helpful for their users during regular maintenance.

1 Introduction

An operation of many machines and devices applied in
the mining industry is characterized by rotational motion
of their fundamental working tools. To this broad group
belong several types of beater mills and beater crushers
used in main production processes as well as blowers,
rotor pumps, compressors and others regarded as
auxiliary units. Majority of them are driven by electric
motors by means of flexible couplings and by spur- or
planetary gears. The still increasing work efficiency
requirements to these machines, commonly observed
nowadays, result in more and more dynamic character of
their nominal operation. Namely, all these machines
transmit now greater and greater power, they work with
bigger and bigger rotational speeds, with greater and
greater flow velocities and pressures as well as with
raising impact force values caused by the comminution
processes. These operational performances cause high
steady-state or transient dynamic over-loadings which
usually excite several types of mechanical vibrations.
These vibrations often lead to more or less detrimental
exploitation consequences in the form of dangerous
material fatigue defects and too fast tribological wear of
the responsible structural elements as well as to harmful
noise generation, transmission of damaging oscillations
to the surrounding environment and to many others.
Thus, these dynamic aspects and particularly the
vibratory effects should be more and more seriously
taken into consideration during design and maintenance
phases of such machines, in addition to the common
traditional engineering routines applied till present. This
postulated modernized approach ought to reduce to
thorough and complete dynamic analyses associated with
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experimental verifications in the frameworks of design
and prototyping phases as well as to advanced on-line
monitoring and fault detections during a regular
maintenance. It is worth emphasizing that for this reason
there should be applied modern mechatronic methods
based on more and more advanced control and
diagnostic algorithms using several sensors, controllers,
actuators, transducers and other electronic devices.

As it follows from practical engineering observations
and scientific literature studies, e.g. in [1-3], such
modern approaches to design and maintenance are
mainly practiced in the case of typical flow rotating
machines, i.e. for compressors, turbines, pumps, fans and
blowers. But very little attention for this purpose seems
to be focused to beater mills and crushers which can be
also regarded as classical rotor-machines, because of
their highly dynamic character of operation. According
to the above, in this paper some important aspects of
dynamic analyses necessary to achieve a correct design
and possibly trouble-free maintenance of the high-speed
beater mills, crushers and other rotor-machines are going
to be considered.

2 Objects of investigations

The dynamic investigations will be focused on the
typical high-speed beater mills, beater and hammer
crushers as well as to the medium-speed blowers
commonly applied as auxiliary devices for the ball-, rod-
and roller-bowl mills. All these units are usually
characterized by mutually similar structures. Namely,
their working-tool parts consist of heavy beater wheels
or impellers attached to the drive shaft in the form of an
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overhung rotor creating in this way a rotor-shaft. This
rotor-shaft is commonly supported by rolling bearings
and driven by an electric motor by means of a flexible
coupling only, but without any gear stage. The schematic
view of such object is presented in Fig. 1. It is worth
noting the characteristic feature of these devices, namely

working tool

driving

coupling motor

Fig. 1. Scheme of the rotor-machine.

a huge mass of the beater mill or impeller in comparison
with the total mass of the entire unit as well as a much
greater polar mass moment of inertia of the whole driven
part than the polar mass moment of inertia of the driving
electric motor rotor. These machines work with maximal
rotational speeds reaching 3000 rpm or even more. Due
to the mentioned above features a character of their
operation is highly dynamic, which results in excitation
of bending, torsional and axial steady-state or transient
vibrations, where the two former ones seem to be
predominant. As it follows from fundamentals of applied
mechanics and vibration theory, because of the
abovementioned lack of gear stages in the considered
devices, their bending and torsional vibrations can be
investigated separately, since eventual possible weak
couplings between them are negligible.

Fig. 3. The hybrid (beam) model of the rotor-machine.

For the aim of possibly reliable vibration analyses
two structural mechanical models of the discussed
objects have been assumed. These are the 3-D finite
element model presented in Fig. 2 as well as the beam
continuous finite element (hybrid) model shown in Fig.
3. Both of them thoroughly take into consideration
system geometrical shapes, material parameters and
bearing support visco-elastic properties. An expected
mutual similarity of results of eigenvibration analyses
and simulations of forced vibrations obtained by means
of these models is a criterion of their computational
reliability for practical engineering purposes.

3 Investigation of bending vibrations

The kinematic and elastic properties of the flexible
coupling which connects the machine with the driving
motor enable us to regard the driven shaft and the
electric motor rotor as dynamically separated from the
viewpoint of their lateral motions. Thus, for the aim of
bending vibration analysis investigations can be focused
on the driven machine part only, while the lateral
dynamics problem of the electric motor can be assumed
as more or less completely solved by a producer.

Here, the lateral motion, associated with bending
vibrations of the rotor-shaft-bearing system represented
by the two abovementioned structural models shown in
Fig. 2 and 3, can be generally described by the following
set of linear ordinary differential equations:

M-i(t)+C(92)-1(t) + K(Q) r(t) = F(t,!)z), o
where:
C(2)=Cy+2:Cg(2) ad K@)=K,+2-K ().

The symbols M and K, denote respectively the mass and
stiffness matrices, Co is the damping matrix containing
the damping coefficients of the bearing supports and
Cy(£2) denotes the skew-symmetrical matrix of
gyroscopic effects. Anti-symmetrical effects due to the
standard body material damping model of the rotating
shaft are expressed by the skew-symmetrical matrix
K4«(). The symbol F(£,£®) denotes the external
excitation vector due to the dynamic loadings induced by
the working process, unbalances and gravitational forces.
In the case of 3D FEM model vector r(¢f) contains
generalized coordinates. However, motion of the hybrid
model is described by the modal coordinates contained
in vector r(f) as well. The number of equations (1)
corresponds to the total number of degrees of freedom of
the FEM model or to the number of bending eigenmodes
taken into consideration in the frequency range of
interest, if the hybrid model is used.

It is worth reminding that bending natural
frequencies, eigenmodes and magnitudes of forced
lateral vibrations of rotor-shaft systems are strongly
dependent on visco-elastic properties of the bearing
supports. Since the considered rotating object is assumed
to be suspended on relatively hard rolling element
bearings, a flexibility of the bearing housings and of
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their foundation must be thoroughly taken into
consideration. For this purpose the finite element method
has been applied for a three-dimensional modelling of
these structures in order to determine their equivalent
vertical and horizontal static and dynamic stiffness
characteristics. The 3D-FEM model with 88561 degrees
of freedom of the steel foundation frame of the entire
unit is presented in Fig. 4. Here, the proportional 4%
damping of the hysteresis type has been assumed for
further computations.

il

Fig. 4. The 3D FEM model of the machine foundation frame.

Since the 3D FEM model shown in Fig. 2 very
precisely describes geometrical shapes of the beater
wheel or blower impeller, but on the other hand is
characterized by a relatively great number of degrees of
freedom, i.e. exceeding 33000, it has been applied as a
reliable tool for eigenvibration analyses. For this purpose
matrices Co, K4(£2) and vector F(¢,£2%) could be omitted

in Egs. (1) for computations. Here, natural frequency
values and mode shapes determined by means of this
model were used as a benchmark for calculation of
selected structural parameters of the hybrid model which
is simpler, but much more effective for simulations of
forced vibrations.

In order to investigate the qualitative dynamic
properties of the considered rotating object, the
eigenvalue problem had to be solved first by means of
the two mechanical models described above. In Fig. 5
there are plotted the fundamental natural frequency
characteristics expressed as rotational speed functions in
the form of Campbell diagram with marked critical
speeds corresponding to forward whirls of the successive
eigenmodes. For a better clarity, on the left-hand side of
this diagram also the respective bending eigenfunctions
are depicted. As it follows from this figure, within the
entire rotational speed range of the considered machine,
ie. 0-3000 rpm corresponding to 0-50 rev/s, three
eigenmodes occur. Due to the overhung structure of the
rotor-shaft, where the beater-wheel/impeller mass is
equal to ca. 80% of the entire rotating mass, its first two
eigenmodes are significantly sensitive to the gyroscopic
effects with the natural frequency values within ca. 20-
65 Hz for the first mode and within 100-145 Hz for the
second one. However, the backward and forward
precession branches of the third eigenform with the
natural frequencies 415 and 419 Hz are almost
independent of the shaft rotational speed, as shown in
Fig. 5. It is worth noting here that the mutual differences
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Fig. 5. The Campbell diagram for bending vibrations of the overhung rotor-shaft
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between the corresponding natural frequency values

50 determined using the 3D-FEM model and by means of
= / the hybrid one did not exceed 2.9%. Moreover, form the
= 40 — #2 - vert obtained Campbell diagram it follows that the
8 30 — #1 -vert investigated machine operates as an under-critical rotor
L shaft within its entire rotational speed range under
2 2 synchronous excitation of frequency 1X. However, if an
§ excitation of frequency 10X, i.e. ten times rotational
S 10 //-/ speed value, is assumed, e.g. due to an operation of the

beater wheel with 10 beaters, then three critical speeds
0 10 20 30 40 50 are observed, which can be a source of possible
rotational speed [rev/s] = excitation frequency [Hz] resonances, see Fig. 5.

According to the above, two types of external
excitation for the investigated rotating machine will be
assumed for the forced bending vibration analysis. These
are: the synchronous harmonic excitation 1X in the
15 frequency range 0-50 Hz and the harmonic excitation
10X with the frequency ten times greater than that
following from the rotational speed in the entire range 0-
500 Hz. The former can be caused not only by the beater
— #2 - vert mill residual unbalances, but also by a non-proportionate
5 — #1-vert mass change of the beaters due to their fast wear or

random adhesion of the comminuted raw material to the

4 /AK\ Z working surfaces. However, the latter type of excitation
0 0 100 200 300 400 500

Fig. 6. Bearing force amplitude characteristics due to
beater wheel unbalances.

10

bearing force [kN]

can be associated with the comminution process
resulting in repeatable mutual impacts of the raw
10 x rotational speed [rev/s] ] = excitation frequency [Hz] material particles to the beaters within each one full
beater wheel rotation.

For the aim of possibly reliable assessment of a
dynamic load affecting the investigated rotor-shaft
system an equivalent unbalance of the Dbeater-

Fig. 7. Bearing force amplitude characteristics due to
beater wheel operational dynamic loadings.

_ 50 / wheel/impeller is applied, which overestimates
& 40 commonly admissible values in order to take into
=3 E ¢ — consideration additional effects caused by the
@ 30 abovementioned fast wear or random raw-material
%’} 0l — D-D / \/ A adhesion. Here, the magnitude of this equivalent
= c-C unbalance has been assumed ~18.5 times greater than
I? 0 22 Vi that following form an application of the ISO 1940-1,
— [4], and ISO 11342, [5], norms. In Figs. 6-9 there are

0 0 10 20 20 20 50 plotted the amplitude-frequency characteristics in the
form of Bode diagrams obtained for steady-state

rotational speed [rev/s] = excitation frequency [Hz] dynamic lateral responses of the rotor-shaft-bearing

Fig. 8. Huber—von Mises stress amplitude characteristics system. Fig. 6 and 7 present plots of bearing reaction
due to beater wheel unbalances. force amplitudes, where in Fig. 6 the response due to the
synchronous excitation 1X by the assumed equivalent

unbalance is illustrated and in Fig. 7 there is shown the

= 12 analogous response induced by the harmonic excitation
% | of frequency 10X caused e.g. by the comminution
=9 — D-D dynamic effects. Respectively, for the same excitations
2 _ (B;-BC 1X and 10X in Figs. 8 and 9 the Bode diagrams of the
% 6 — AA Huber — von Mises stress in the most responsible rotor-
= shaft cross-sections are presented. The plots
+ 3 demonstrated in Fig. 6 and 8 indicate clearly under-
M critical character of the dynamic responses due to the

0 0 100 200 300 460 500 synchronous excitation 1X within the admissible
rotational speed range. This fact is qualitatively

10 x rotational speed [rev/s] ] = excitation frequency [Hz] confirmed by the Campbell diagram shown in Fig. 5.

Fig. 9. Huber—von Mises stress amplitude characteristics Here, the bearing force- and stress amplitudes
due to beater wheel operational dynamic significantly raise with the rotational speed, but they do
loadings. not reach a resonance peak with the first system

eigenform. However, for the harmonic excitation 10X in
Fig. 7 and 9 there are observed three resonance peaks
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corresponding to the successive three system eigenforms
presented in Fig. 5. Nevertheless, it is worth to
emphasize that the all extreme force and stress values of
these peaks are respectively many times smaller than the
maximal force and stress amplitudes presented in Figs. 6,
8 and obtained for the under-critical external excitation.
This fact can be substantiated by a much greater
sensitivity of the considered rotor-shaft system to
relatively low-frequency harmonic excitations with
amplitudes proportional to squares of the actual
rotational speed values in comparison with the
excitations characterized by correspondingly the same
amplitudes and appropriately ten times higher excitation
frequencies. In addition, it is to remember that structural
damping of such mechanical systems attenuates more
intensively extreme dynamic response magnitudes with
greater fluctuation frequencies.

4 Investigation of torsional vibrations

Contrary to the bending vibration analysis performed
above, for investigations of torsional oscillation problem
for the studied object the entire system, i.e. including the
electric motor rotor, must be considered. Namely here,
the qualitative and quantitative elastic properties of the
flexible coupling play very important role for an electro-
mechanical interaction between the driving motor and
the driven machine.

Here, torsional motion of the rotor-shaft-motor
system represented by the two abovementioned
structural models shown in Fig. 2 and 3 can be generally
described by the following set of non-linear ordinary
differential equations:

Mii(¢) + C(40()i(t) + K(40(1)) - r(t) = T(2,€2(2),0()), (2)
where:
C(A0(1)) = Cy +Ce(40(1)) » K(A0(1) = Ky + K o(40(1)).

The symbols M, Ky denote respectively the mass and
stiffness matrices, Cp is the damping matrix and
C.(46(¢)) denotes the matrix containing the non-linear
damping coefficients of the flexible coupling, where
A46(¢) is the current coupling twist angle. The non-linear
stiffness coefficients of this flexible coupling are
contained matrix K.(46(¢)). The symbol T(z,£Xt),0(¢))
denotes the vector of external excitation due to the
electromagnetic torque generated by the driving motor as
well as due to retarding torques imposed to the driven
machine working tool and expressed both as functions of
the current rotational speed value (At) and the system
dynamic response 6(¢). Similarly as before, in the case of
3D FEM model vector r(f) contains generalized
coordinates and motion of the hybrid model is described
by the modal coordinates contained in vector r(7) as well.
Similarly as before, the number of equations (2) also
corresponds to the total number of degrees of freedom of
the FEM model or to the number of torsional
eigenmodes taken into consideration in the frequency
range of interest, when the hybrid model is used.

As already mentioned above, actual torsional
stiffness values of the flexible coupling very essentially
influence natural frequencies of the considered system.
The flexible coupling applied here is non-linear with the
following progressive characteristic determined by its
producer and depicted in Fig. 10. In the investigated
case, the fundamental first torsional natural frequency
value significantly depends on the working point
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Fig. 10. Torsional stiffness characteristic of the flexible
coupling.

determined by the current torque transmitted by this
coupling, according to the characteristic presented in
Fig. 10. Namely, for zero initial twist of the coupling the
first natural frequency calculated by means of the 3D-
FEM model and using the hybrid model is equal to ca.
15 Hz, where the mutual difference did not exceed 0.5%
But for the maximal admissible torsional loading the
appropriately increased coupling stiffness results in the
first natural frequency exceeding 50 Hz. As it will turn
out later, this property shall have a significant influence
on the system transient torsional vibrations.
Nevertheless, within the entire range of twisting torques
transmitted by this coupling, i.e. for all the respective
first natural frequency values, the corresponding
eigenmode function has the following shape presented in
Fig. 11. This eigenfunction is characterized by the whole
driven machine part (on the left hand side) almost equal
to zero and by the motor part (on the right hand side)
equal to ~ —1. This means that dynamic excitations
imposed only to the motor rotor are able to induce
torsional vibrations of the considered system. From the
results of eigenproblem analysis performed by these two
mechanical models it follows that the next eigenmodes
occur above 500 Hz and they are very hardly excitable
by dynamic retarding torques loading the beater-wheel
or impeller. These features follow from the relatively
large torsional stiffness of the overhung rotor-shaft
structure as well as because in such machines the polar
mass moment of inertia of the driven part is much
greater than that of the driving motor rotor. In the
studied case this ratio exceeds the value of 41.

For the need of simulation of the rotor-machine
torsional vibrations as well as in order to investigate
electromechanical coupling effects in the considered
system the properly advanced circuit model of the
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corresponds to Variant I characterized by the smaller

1.0 . . .
staring torque. By means of the red line there is plotted
the characteristic for Variant II with the greater staring

0.5 torque caused by an increased rotor resistance.

As it followed from results of introductory
0 simulations, because of the abovementioned relatively
j huge mass moment of inertia of the machine working
0.5 tool in the form of a beater wheel or blower/compressor
impeller, and because of the correspondingly small
-1.0 magnitude of the retarding torque variable components,

0 0.5 1.0 1.5 2.0 25
rotor-shaft-electric motor length [m]

Fig. 11. The first torsional eigenmode function of the rotor-
shaft system.

electric motor seems to be sufficiently accurate. In the
case of the symmetrical three-phase asynchronous motor
electric current oscillations in its windings are described
by the six circuit voltage equations. Then, according e.g.
to [6], by the use of Clark’s transformation they are
reduced into four voltage equations in the so called ‘aff’
reference system. This approach enables us more
effective numerical computations without any loss of
accuracy, together with a possibility of taking into
consideration a variable resistance of the rotor windings
as well as a convenient control of the motor operation.
Then, the electromagnetic torque generated by such a
motor can be expressed by the following formula:

T _3 pM[cos(pS(t))-(iS~i’ —is~irj— 3
el 2 L a a f

_ sin(pg(t))'(’fz 'i:; _iz ’;fﬂ ’

where M denotes the relative rotor-to-stator coil
inductance, p is the number of pairs of the motor
magnetic poles, K¢) is the current rotor angular
displacement including the average and vibratory
component and io’, ig’ are the electric currents in the
stator windings reduced to the electric field equivalent
axes o and B and io, if are the electric currents in the
rotor windings reduced to the electric field equivalent
axes « and f, [6,7]. The static characteristics of the
considered asynchronous motor, determined accoriding
to [7,8], are shown in Fig. 12. Here, the blue line

4
— electric torque Il \
3 — electric torque |
— retarding torque /
—l /

/
//
1
0 e —

0 50 100 150 200 250 300

static torque / rated torque [-]
N

rotational speed [rad/s]

Fig. 12. Static characteristic of the asynchronous motor and of
the retarding torque.

in steady-state operating conditions possible torsional
dynamic excitations turn out to be negligible. Then, the
entire object works under almost static twist. According
to the above, the retarding torques generated by the
working tool can be regarded as of the aerodynamic type
and modelled by means of the parabolic functions of the
current rotational speed values. However, in transient
operating conditions, e.g. during start-ups, the
considered rotating machine drive system can be
affected by severe torsional vibrations excited by the
electromagnetic torque generated by the asynchronous
motor described by Eq. (3). It is particularly the case,
when in order to decrease the machine price any
inverters are applied. Then, each start-up has to be
carried out using an usually troublesome dischargeable
clutch. Otherwise, such run-ups may lead to too high
overloadings and damage of the flexible coupling which
connects the driven machine with the motor.

In order to illustrate such a situation, the introductory
numerical simulations have been performed for classical
start-ups of the considered machine, i.e. without any
electronic control of the asynchronous motor. In the first
computational example the stiffness characteristic of the
flexible coupling has been linearized around the working
point corresponding to the nominal steady-state
operating conditions with the average rotational speed
2980 rpm. Then, the first torsional natural frequency of
the machine drive system associated with the eigenmode
function shown in Fig. 11 is equal to 34.3 Hz. In Fig. 13
there are plotted time-histories of the system dynamic
response due to the start-up from a standstill to the
nominal operation. In this figure by the black line the
time-history of the current rotational speed is marked.
The red line corresponds to the electromagnetic motor
torque and using the blue line there is illustrated a
parabolic rise of the working tool retarding torque. The
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Fig. 13. Torsional transient dynamic response due to the start-
up with the linearized flexible coupling characteristic.
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Fig. 14. Amplitude spectrum of the dynamic response during
start-up for the system with linearized coupling.

time-history of the dynamic torque transmitted by the
flexible coupling has been marked by the green line.
From the plots depicted in Fig. 13 it follows that the
considered machine was runned-up during ca. 43 s. At
the beginning of this process the time-history of the
driving motor torque is characterized by the typical,
severe fluctuating component of the supply frequency 50
Hz quickly decaying with time and causing a relatively
weak amplification of the dynamic torque transmitted by
the flexible coupling and other shaft segments. From the
results of the FFT analysis performed for the first three
seconds of the run-up and depicted in Fig. 14 it follows
that the system dynamic response consists of two
fundamental components. The first one of the supply
frequency 50 Hz results from the direct external
excitation produced by the driving motor. However, the
second one of the first system natural frequency 34.3 Hz
is a typical transient state component induced by the
driving torque generated by the asynchronous motor.
Then, this component slowly decays with time, but after
the 15" second of the start-up it becomes significantly
amplified, when the rotating system passes through the
rotational speed value ca. 16 rev/s corresponding
approximately to one half of the 1% natural frequency.
Since in the considered electromechanical system the
rotational speed is affected by the fluctuating component
of this frequency, the asynchronous motor electro-
magnetic torque becomes also additionally affected by
this rotational speed fluctuating component. Then, in the
case of ca. 34 Hz the severe resonance is observed,
which leads to amplitudes of the flexible coupling
dynamic torque exceeding 8 times the nominal torque
value, see Fig. 13 and 14. Although these resonant
vibrations also quite quickly decay with time, but they
are severe enough to damage gradually the drive system
elements particularly sensitive to dynamic over-loadings
during successively repeated machine start-ups.

In the second computational example the stiffness
characteristic of the flexible coupling has been assumed
nonlinear according to the plot presented in Fig. 10.
Then, the analogous run-up simulation has been carried
out and its computational results in time domain are
depicted in Fig. 15 in the identical way as in the
previously considered case. As it follows from the
obtained plots, here the system dynamic response has a
completely different qualitative and quantitative

time [s]

Fig. 15. Torsional transient dynamic response due to the start-
up with the nonlinear flexible coupling characteristic.
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Fig. 16. Amplitude spectrum of the dynamic response during
start-up for the system with nonlinear coupling..

character in comparison with that illustrated in Fig. 13.
Here, during start-up, together with the rise of the
transmitted mean driving torque, the flexible coupling
stiffness gradually increases and then the considered
drive system changes its first natural frequency from the
mentioned above ca. 15 Hz till more than 50 Hz at the
maximal admissible transmitted torque value. Thus, the
drive system consequently changes its dynamic
properties, which prevents a possibility of resonance
excitation. But at the beginning of the start-up process
the dynamic amplification caused by the motor
electromagnetic torque is much stronger than in the
previous example. Here, the amplitudes of the dynamic
torque transmitted by the flexible coupling are more than
15 times greater than the nominal torque value. Hence,
despite of a lack of resonance effect, the run-up of the
rotor machine equipped by the flexible coupling with
such non-linear, progressive characteristics can result in
a relatively fast damage of this drive system element
expected to transmit dynamic torques exceeding the
nominal value only 6 times. From the results of FFT
analysis demonstrated in Fig. 16 it follows that during
the first 3 seconds of the run-up the excitation by the
asynchronous motor with frequency 50 Hz causes a
severe dynamic amplification of the dynamic torque
transmitted by the flexible coupling with the
fundamental component of the same frequency 50 Hz as
well as with smaller super-harmonics of frequencies ca.
70, 100, 130, 150 and 170 Hz. However, during the final
phase of transient vibrations, i.e. within the range of 10-
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13 s of the start-up, the time-history of the coupling
dynamic torque consists of the much smaller
fundamental component of frequency ~40 Hz together
with the remarkable super-harmonics of frequencies ca.
80 and 120 Hz. According to the above, in order to avoid
these detrimental transient oscillations the asynchronous
motor of the considered rotor machine must be equipped
with a proper inverter enabling us secure and fluent start-
ups by means of driving electromagnetic torques
possibly free of forcing fluctuation components.

An operation of majority of asynchronous motor
inverters usually reduces to a gradual increase of the
supply voltage in order to achieve the required rotational
speed at the given loading of the runned-up machine. In
the idealized case, when the voltage slowly rises from
zero to the nominal value, for the smaller starting torque
Variant [ the start-up of the considered object lasts
almost two times longer than in the previous examples,
i.e. without an inverter. But then, the entire run-up
process is completely free of torsional oscillations,
which follows from the respective plots in Fig. 17
demonstrating the system dynamic response in an
identical way as in Figs. 13 and 15. However, in order to
overcome some natural static retarding torques in the
drive system, when the supply voltage generated by the
inverter starts from e.g. ca. 10% of the nominal value,
some slight initial torsional vibrations are excited by the
motor. As shown in Fig. 18, they gradually decay with
time and when the system with the linear flexible
coupling slowly passes the resonance frequency 34.3 Hz,
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Fig. 17. Torsional transient dynamic response due to the start-
up with the linearized flexible coupling characteristic
for Variant I and zero initial supply voltage.
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Fig. 18. Torsional transient dynamic response due to the start-
up with the linearized flexible coupling characteristic
for Variant I and non-zero initial supply voltage.
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Fig. 19. Characteristics of the rotor-to-stator electromagnetic
damping and stiffness for two variants of the
asynchronous motor resistances.

huge transient oscillations rapidly occur with amplitudes
almost 100 times exceeding the rated torque value. Here,
despite of the start-up performed so mildly, such severe
overloading can lead to an immediate damage of the
flexible coupling. This fact can be explained by not only
much slower passage through the resonance zone than in
the case illustrated in Fig. 13, but by the very low, even
negative electromagnetic damping generated by the
asynchronous motor interacting with the torsionally
vibrating mechanical system. For the considered here
smaller starting motor torque Variant I the negative
damping zone is significantly wider than for the greater
staring torque version called Variant II. It follows from
the respective characteristics of the electromagnetic
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Fig. 20. Torsional transient dynamic response due to the start-
up with the linearized flexible coupling characteristic
for Variant II and zero initial supply voltage.
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Fig. 21. Torsional transient dynamic response due to the start-
up with the linearized flexible coupling characteristic
for Variant II and non-zero initial supply voltage.
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damping and stiffness depicted in Fig. 19 and
determined for this motor using the analytical method
described in [8]. Here, for Variant I this zone is
contained within the range between ca. 37 and 49 Hz.
Hence, the electromagnetic damping coefficient values
in the vicinity of the resonant frequency 34.3 Hz are very
small. Then, in the presence of so common, relatively
low damping magnitude in torsionally vibrating drive
systems such dangerous resonances can be easily
excited. However, for Variant II corresponding to the
greater starting motor torque, see Fig. 12, the negative
damping zone is more narrow and placed between ca. 44
and 48 Hz. Furthermore, as shown in Fig. 19, since the
electromagnetic damping coefficient values in the
vicinity of 34.3 Hz are significantly greater, possibilities
of resonance excitation are appropriately smaller.
According to the above, when the inverter is used, the
asynchronous motor with greater starting torque seems
to be more convenient for start-ups of the considered
rotating machine. This fact has been confirmed by the
run-ups with zero- and non-zero initial voltage values.
The dynamic responses induced by these start-ups are
presented respectively in Figs. 20 and 21. Here, in the
case of zero-initial supply voltage the completely
oscillation-free response is observed, similarly as that
obtained for motor Variant I and depicted in Fig. 17.
However, during start-up with the initial voltage equal to
10% of the nominal value from the beginning of the
process some mild transient vibrations occur, which
gradually decay with time, as shown in Fig. 21.
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Fig. 22. Torsional transient dynamic response due to the start-
up with the non-linear flexible coupling characteristic
for Variant I and non-zero initial supply voltage.
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Fig. 23. Waterfall diagram for the dynamic torque amplitudes
in the non-linear flexible coupling due to the start-up
for Variant I and non-zero initial supply voltage.

When in the considered rotor machine drive system
the flexible coupling with non-linear characteristic is
assumed, for the asynchronous motor Variant I with the
smaller starting torque and for the zero initial supply
voltage the identical vibration-free dynamic response has
been obtained as in the case of the linear coupling
depicted in Fig. 17. However, during the run-up with the
initial voltage equal to 10% of the nominal value
remarkable transient vibrations are induced between the
30" and 55" second of the process, as illustrated in Fig.
22. These oscillations are not so severe as those resonant
ones observed during start-up of the system with linear
flexible coupling. Here, due to the gradual stiffening of
the flexible coupling with non-linear characteristic the
transient oscillations increase their frequency in a piece-
wisely linear way within ca. 30-50 Hz, as demonstrated
by means of the waterfall diagram in Fig. 23. Moreover,
in this diagram the first super-harmonic component of
the non-linear vibrations is observed.

Variant II of the asynchronous motor with the greater
starting torque enables us much faster run-up. For zero
initial supply voltage it also results in oscillation-free
dynamic response, identical with that presented in Fig.
20 for the drive system with the linear flexible coupling.
For the non-zero initial supply voltage equal to 10% of
the nominal value the quicker rotational speed increase
associated with the simultaneous synchronous rise of
excitation frequency according to Eq. (3) makes an
induction of severe transient oscillations difficult. Thus,
during the start-up in such conditions the obtained
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Fig. 24. Torsional transient dynamic response due to the start-
up with the non-linear flexible coupling characteristic
for Variant II and non-zero initial supply voltage.

-

1 R
mpn sl

i iy [Hz]

Fig. 25. Waterfall diagram for the dynamic torque amplitudes
in the non-linear flexible coupling due to the start-up
for Variant II and non-zero initial supply voltage.
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dynamic response is characterized by very mild transient
torsional vibrations transmitted by the flexible coupling,
which are observed between the 10" and 28" second of
the process, as shown in Fig. 24. But here, the oscillation
amplitudes are significantly smaller than these observed
in the case of slower run-up using Variant I of the motor
starting torque. From the respective waterfall diagram
depicted in Fig. 25 it follows that due to the gradual
stiffening of the non-linear coupling the fundamental
frequency of transient oscillations increases linearly
within the abovementioned ca. 10-28 Hz as well as its
first super-harmonic is also remarkable.

5 Final remarks

In the paper dynamical aspects for design and
maintenance of the selected group of machines applied
in the mining industry are considered. These machines
and devices are driven by the asynchronous motors and
they are characterized by rotational motions of their
fundamental working tools. Thus, the dynamic
investigations have been performed in the way typical as
for the rotating machinery, i.e. in the form of bending
(lateral) and torsional vibration analyses. Moreover, in
these studies there was also investigated a mutual
interaction between the mechanical and electrical part of
the considered objects. Contrary to the traditional
engineering approaches usually applied so far for design
and maintenance of these machines, for the computations
carried out here the advanced mechanical and electro-
mechanical models and computer techniques have been
used. By means of these modern computational tools the
main attention was focused on qualitative aspects of
dynamic behaviours typical for beater mills and crushers
as well as for blowers and compressors.

From the results of bending vibrations analyses
performed for the listed above machines characterized
by heavy beater wheels or impellers designed in the form
of overhung rotors it follows that their dynamic loadings
caused by unbalances turned out to be particularly
dangerous for fatigue life of their the most responsible
elements. These unbalances are more dangerous than
dynamic loadings associated with natural working
processes, since they are caused not only by unavoidable
manufacturing inaccuracies, but first of all by gradual
and progressive material, thermal or erosive damages of
working tool surfaces. The bending vibrations of the
rotor-shafts of these machines induced by these
unbalances can be a source of too fast material fatigue
often leading to cracks and even to catastrophes, of
dynamic over-loadings of bearing supports usually being
transmitted to the environment as well as of harmful
noise generation. According to the above, these
detrimental and dangerous effects have to be thoroughly
taken into consideration during routine design phases of
these machines as well as they should be on-line
monitored during regular operation in order to asses a
degradation level of the working tools.

The torsional vibrations have been investigated here
as entirely associated with electrical vibrations in driving
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motor windings in the form of electromechanical
interaction analysis. From the results of performed
computations it followed that steady-state operation
conditions of the considered machines are not a source
of essential torsional vibrations, contrary to quite
frequently repeated start-ups of these devices, which can
cause very severe or even dangerous transient
oscillations. Here, mutual interdependencies between the
electrical parameters of the driving motor and dynamic
properties of the driven mechanical part significantly
influence magnitudes of these vibrations. It turned out
that the most important role play stiffness characteristics
of the flexible couplings, an ability of negative
electromagnetic =~ damping  generation by  the
asynchronous motors as well as a character of motor
supply voltage control during start-up processes. First of
all, in order to avoid severe transient torsional vibration
amplitudes the asynchronous motors with inverters
should be applied to control properly the supply voltage
influencing runs of the driving motor torques. Then,
start-ups usually last longer, but without remarkable
oscillations, if system parameters had been properly
selected before. Namely, the flexible couplings with
non-linear characteristics seem to be more convenient,
since they have an ability to mistune possible
resonances. Next, the asynchronous motors with greater
starting torques can assure shorter start-ups in time and
thus also faster passages through eventual resonance
frequency zones. Moreover, such asynchronous motors
are able to generate less negative electromagnetic
damping which is very dangerous from the viewpoint of
an excitation of transient resonances and operational
instabilities.
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